Abstract: Tilting pad journal bearings are usually employed in turbomachines for their stable behavior at high rotational speeds. Devoted test rigs have been realized to validate the predictions of theoretical models. However, the design of new high-performance and large-size bearings needs to be supported by experimental investigations on high-performance large test rigs. The main characteristics of a recently built facility for testing large tilting pad journal bearings with diameters from 150 to 300 mm are described in this work. The test rig is versatile and can be used to test bearings of different size, configurations and to investigate the influence of many parameters, even the effect of misalignment. Sample results of the static characterization of a four-pad high-performance tilting pad journal bearing are reported evidencing some transient effects. A few sample dynamic results are also reported. The presented experimental results demonstrated the capabilities of the rig for investigating the static and the dynamic characteristics of the bearings accurately measuring slow and fast variables.
Introduction
As is well known, tilting pad journal bearings are usually employed in turbomachines for their stable behavior at high rotational speeds. Their steady and dynamic characteristics have been investigated extensively by several researchers. Devoted test rigs have been realized to validate the predictions of theoretical models. The effects of operating parameters such as static load, speed, oil inlet flow rate, pressure and temperature, as well as the thermal deformation on the steady performance of the bearings in terms of journal eccentricity, attitude angle, film thickness, power loss and pad temperature have been analyzed [1] [2] [3] [4] [5] . More recently, transient effects due for example to start-up or varying speed on friction, temperature and consequently thermo-elastic deformation of hydrodynamic bearings have gained interest, for energy saving implications and for safety reasons [6, 7] .
Moreover, the rotor dynamics is influenced by the characteristics of the bearings. Therefore the determination of the bearing stiffness and damping coefficients is quite important. This is usually done experimentally, applying dynamic loads to the rotor or to the bearing and measuring their relative displacement [8] [9] [10] . Identification methods are then used for the determination of the dynamic coefficients, mainly in the frequency domain [11, 12] .
A novel experimental apparatus has been set up by the Department of Civil and Industrial Engineering of the University of Pisa in collaboration with GE Oil & Gas and AM Testing. With such an apparatus, bearings with diameters from 150 to 300 mm can be statically and dynamically characterized at peripheral speeds up to 150 m/s with static load up to 270 kN and dynamic loads up to 30 kN. The latter loads can be single tone or multitone with excitation frequencies up to 350 Hz. Several sensors allow the simultaneous measurements of significant quantities to highlight the characteristics of the test bearing and monitor the condition of the test facility. The capability of the test bench to investigate large-size bearings of different diameter, at high peripheral speeds and loads, is the principal innovation that makes it unique worldwide. This work reports the main features of the test rig as well as the results of the first static and dynamic tests on a four-pad high-performance tilting pad journal bearing. Further details of the test rig are reported in [13] [14] [15] .
The Test Bench
The test bench was designed adopting the configuration with the test bearing floating and the rotor with fixed axis supported by rolling bearings. A schematic drawing and a picture of the test rig are shown in Figure 1 . A novel experimental apparatus has been set up by the Department of Civil and Industrial Engineering of the University of Pisa in collaboration with GE Oil & Gas and AM Testing. With such an apparatus, bearings with diameters from 150 to 300 mm can be statically and dynamically characterized at peripheral speeds up to 150 m/s with static load up to 270 kN and dynamic loads up to 30 kN. The latter loads can be single tone or multitone with excitation frequencies up to 350 Hz. Several sensors allow the simultaneous measurements of significant quantities to highlight the characteristics of the test bearing and monitor the condition of the test facility. The capability of the test bench to investigate large-size bearings of different diameter, at high peripheral speeds and loads, is the principal innovation that makes it unique worldwide. This work reports the main features of the test rig as well as the results of the first static and dynamic tests on a four-pad high-performance tilting pad journal bearing. Further details of the test rig are reported in [13] [14] [15] .
The test bench was designed adopting the configuration with the test bearing floating and the rotor with fixed axis supported by rolling bearings. A schematic drawing and a picture of the test rig are shown in Figure 1 . The rotor is driven by an electric motor connected to a multiplier with a gear ratio of 6. A torque meter is used for measuring the torque. Three pitch stabilizers, one of which is visible in the schematic drawing of Figure 1 , placed at 120 degrees around the bearing, constrain the bearing housing longitudinally. Their screw and nut connections allow for adjusting the parallelism between the housing and the shaft axes before the test execution, but they could also be employed for obtaining some misalignment in specific tests aimed at investigating this issue experimentally, analyzed for instance in [16] .
The loads are applied to the housing of the bearing by hydraulic actuators. The static load acts in the vertical direction, upwards. The dynamic loads are applied by two identical mutually orthogonal hydraulic actuators positioned at 45° with respect to the vertical direction ( Figure 2 ) that can work independently or simultaneously in phase, producing a vertical force, or in anti-phase, generating a horizontal force. The main characteristics of the test rig are reported in Table 1 .
All significant forces acting on the bearing housing are measured. Three-axial load cells connect the dynamic actuators to the housing: the applied static load is measured by a load cell with 300 kN full scale and another load cell with 2 kN full scale measures the reaction exerted by the anti-roll arm visible on the right of Figure 2 .
High-resolution proximity sensors with 0.8 mm full scale are used for the measurement of the relative displacements between the bearing housing and the rotor located along the U (Z left) and the V (Z right) directions shown in Figure 2 . Four sensors are used, located on two different planes orthogonal to the bearing axis. Additional proximity sensors of medium precision are also located at each section in diametrically opposite positions with respect to the high-resolution ones. The rotor is driven by an electric motor connected to a multiplier with a gear ratio of 6. A torque meter is used for measuring the torque. Three pitch stabilizers, one of which is visible in the schematic drawing of Figure 1 , placed at 120 degrees around the bearing, constrain the bearing housing longitudinally. Their screw and nut connections allow for adjusting the parallelism between the housing and the shaft axes before the test execution, but they could also be employed for obtaining some misalignment in specific tests aimed at investigating this issue experimentally, analyzed for instance in [16] .
The loads are applied to the housing of the bearing by hydraulic actuators. The static load acts in the vertical direction, upwards. The dynamic loads are applied by two identical mutually orthogonal hydraulic actuators positioned at 45 • with respect to the vertical direction ( Figure 2 ) that can work independently or simultaneously in phase, producing a vertical force, or in anti-phase, generating a horizontal force. The main characteristics of the test rig are reported in Table 1 .
High-resolution proximity sensors with 0.8 mm full scale are used for the measurement of the relative displacements between the bearing housing and the rotor located along the U (Z left) and the V (Z right) directions shown in Figure 2 . Four sensors are used, located on two different planes orthogonal to the bearing axis. Additional proximity sensors of medium precision are also located at each section in diametrically opposite positions with respect to the high-resolution ones.
The bench frame is made by a main 4 m long structure, composed of hollow rectangular beams. It supports the weight of the components, spanning over the inground basin of the oil tank. A second structure makes it possible to align the motor and the multiplier inlet shaft axes and the multiplier outlet shaft and the test cell rotor axes. The frame has anti-vibration pads and can be filled eventually with granular material to dampen vibrations.
Three independent oil systems are used: one for the lubricant of the tilting pad journal bearing, one for the load application system and one for the multiplication gearbox.
A very complex control and data acquisition system is used for managing the tests. High-frequency data (about 30 signals) are stored at 100 kHz and low-frequency data (about 60 signals) are stored at 1 Hz.
Three independent oil systems are used: one for the lubricant of the tilting pad journal bearing, one for the load application system and one for the multiplication gearbox. 1,000
Experimental Results
A 280-mm diameter four-pad ball-in-socket tilting pad journal bearing was used for the test bench commissioning. The bearing length to diameter ratio is 0.7 and the diametral clearance 470 μm ± 20 μm. The bearing is equipped with six thermocouples for detecting the pad temperatures; two thermocouples are located in each of the lower and more loaded pads ( Figure 3 ). In the same figure 
A 280-mm diameter four-pad ball-in-socket tilting pad journal bearing was used for the test bench commissioning. The bearing length to diameter ratio is 0.7 and the diametral clearance 470 µm ± 20 µm. The bearing is equipped with six thermocouples for detecting the pad temperatures; two thermocouples are located in each of the lower and more loaded pads ( Figure 3 ). In the same figure the proximity sensors, mentioned in the previous section, are indicated with the letter D in the label, sensors 1 and 2 on a plane, 3 and 4 on the other one.
working conditions in terms of rotational speed, static load, inlet oil temperature and oil flow rate. Multiple frequency sinusoidal forces in the frequency range of interest were imposed by the dynamic actuators for the identification of the bearing dynamic coefficients.
Some sample slow variable and high-frequency results are reported and discussed in the following sections. Tests were performed using an ISO VG32 mineral oil with a density of 850 kg/m 3 at 40 °C and a viscosity index of 118. 
Slow Variable Results
Data of all sensors are recorded at 1 Hz including the ones that are also recorded at high frequency. Particularly all force components, the total torque (including the friction contribution of rolling bearings and seals), the rotational speed, the displacements and the pads temperatures are recorded. In Figure 4 the data recorded during a test with an oil flow rate of 160 L/min with 40 °C inlet temperature are shown. The vertical and horizontal forces are calculated from the corresponding components measured by all load cells and the power from the torque and the rotational speed. The test bearing worked under fully flooded conditions.
The test was mainly carried out for verifying the behavior of the rig during long time tests. Some fluctuations of the forces were present due to some software problems related to the closed-loop control system, solved later on.
Fluctuations apart, under constant conditions of load and speed (about 55 kN and 3,000 rpm, corresponding to a specific load of 1 MPa and 44 m/s respectively) the recorded differences among the values measured by the same sensors after 1 h 40 min (from 2,000 to 8,000 s) are about 1 micron for the displacements and some tenths of degree for the temperatures (Figures 5 and 6 ). Note that the proximity sensors have not the same zero though the two on the same side (left or right) are very close. Having the same zero value is not important for the dynamic tests where the variations matter and in any case data can be corrected with an adequate shift. The standard procedure for recording the data necessary for the identification of the bearing dynamic stiffness and damping coefficients starts once the desired steady state working conditions are reached and then sinusoidal forces are applied in the frequency range of interest for a short time (30 s). Depending on the ambient temperature, about one or two hours are necessary for reaching the steady state conditions (in terms of rotor speed, eccentricity and pad temperatures).
Several tests were performed in the load between pad configuration for different steady state working conditions in terms of rotational speed, static load, inlet oil temperature and oil flow rate. Multiple frequency sinusoidal forces in the frequency range of interest were imposed by the dynamic actuators for the identification of the bearing dynamic coefficients.
Some sample slow variable and high-frequency results are reported and discussed in the following sections. Tests were performed using an ISO VG32 mineral oil with a density of 850 kg/m 3 at 40 • C and a viscosity index of 118.
Data of all sensors are recorded at 1 Hz including the ones that are also recorded at high frequency. Particularly all force components, the total torque (including the friction contribution of rolling bearings and seals), the rotational speed, the displacements and the pads temperatures are recorded. In Figure 4 the data recorded during a test with an oil flow rate of 160 L/min with 40 • C inlet temperature are shown. The vertical and horizontal forces are calculated from the corresponding components measured by all load cells and the power from the torque and the rotational speed. The test bearing worked under fully flooded conditions.
Fluctuations apart, under constant conditions of load and speed (about 55 kN and 3000 rpm, corresponding to a specific load of 1 MPa and 44 m/s respectively) the recorded differences among the values measured by the same sensors after 1 h 40 min (from 2000 to 8000 s) are about 1 micron for the displacements and some tenths of degree for the temperatures (Figures 5 and 6 ). Note that the proximity sensors have not the same zero though the two on the same side (left or right) are very close. Having the same zero value is not important for the dynamic tests where the variations matter and in any case data can be corrected with an adequate shift. Both inlet and outlet temperatures of the lower pads are monitored while only the outlet temperature is monitored for the upper pads. As expected, the temperatures measured close to the Both inlet and outlet temperatures of the lower pads are monitored while only the outlet temperature is monitored for the upper pads. As expected, the temperatures measured close to the Both inlet and outlet temperatures of the lower pads are monitored while only the outlet temperature is monitored for the upper pads. As expected, the temperatures measured close to the Both inlet and outlet temperatures of the lower pads are monitored while only the outlet temperature is monitored for the upper pads. As expected, the temperatures measured close to the outlet zone are significantly higher than the ones close to the inlet and the lower pad outlet temperatures are significantly higher than the ones of the upper pads.
It is interesting to note that the response of the system to the variations of speed is quite rapid. As better evidenced in the diagrams of Figure 7 , where the time interval with the stepwise speed increased from 3000 to 4500 rpm is shown, an increase of speed corresponds as expected to an increase of the friction torque, a decrease of the displacements and an increase of temperature. Note that the related lower value of eccentricity corresponds to a reduction of the gap in the upper part of the bearing where the proximity sensors are placed.
There is a delay in the temperature response of the order of the minute (Figure 7c ), due also to the fact that the thermocouples are inside the pads. The temperature increase produces a viscosity reduction and therefore an increase of eccentricity (Figure 7b ). However, both temperatures and displacements reach stationary values after less than a few minutes, as it can be noted from the variations after the last speed step of 500 rpm at about 10,040 s. Actually three minutes were sufficient for the temperature stabilization inside one degree, while excitations in dynamic tests usually started only after 5 to 7 min. Less obvious is the observation that when the speed is increased from 3000 to 4500 rpm, the increase of temperature of the upper pads is greater than that of the bottom pads. In fact, apart from a small difference between the left and right pads of the order of less than one degree, the upper pads temperature increases of about 11 • C (from 47 to 58 • C) and the lower pads temperature of 9 • C (from 62 to 71 • C). This can probably be explained by a greater viscosity of the lubricant in the upper less loaded part and to a possible transition from the laminar to the turbulent lubrication regime in the region where the oil film thickness is greater. In fact, at 4000 rpm, the estimated local Reynolds number for the upper pads reached the value of 1120 for the less loaded pad and 875 for the more loaded one.
The situation at the beginning of the test is better evidenced in the diagrams of Figure 8 . When the shaft begins to rotate, there is a decrease of the measured displacements starting from a random initial position with the shaft in contact with the pads corresponding to an applied static load equal to the bearing weight (most probably the contact was in the lower part in the case shown in Figure 8 ). The rotation generates the formation of a lubricant film in the lower part that causes the upper gaps to diminish. Increasing the speed (for about 600 s) the eccentricity continues to decrease and the temperatures increase. Since the load is low the eccentricity is low as well and the temperatures are similar in all pads. Each increment of load produces an increase in film thickness in the upper part (remember that the load is applied vertically upwards to the bearing housing) and correspondingly an increase in the lower pads temperatures, particularly of the outlet temperatures, and a decrease in the upper pads temperature.
The situation at the end of the test is better evidenced in the diagrams of Figure 9 . In this sample test, performed for investigating the performances of all systems, the load was decreased at first to a value close to zero, then increased a little and maintained constant when decreasing the speed. The final step was a contemporaneous decrease to zero of both quantities. Decreasing the load, the upper film thickness and the lower pads outlet temperature decreases while the upper pad outlet temperature increases as expected. When the speed decreases, the upper gaps increase, eccentricity increases, and upper and lower pad outlet temperatures tend to converge. When the static load goes to zero, the upper gaps increase significantly to maximum, eccentricity increases and all temperatures decrease to the inlet temperature. Note that all quantities are very stable before the first reduction of load. the temperature steps should always increase by increasing the speed, but this did not happen for the speed step from 3,000 to 4,000 rpm due most probably to the transition from laminar to turbulent flow conditions. The increase of load around 5,800 s is associated with an increase of the upper displacements and an increase of both inlet and outlet temperatures of the lower pads but a decrease of temperatures of the upper pads, as expected. The influence of speed was investigated in another successive test with the same lubricant conditions and a load of 58 kN for most of the test time and a final step at about 90 kN (Figure 10 ). It can be noted that the fluctuation problems, present in the diagrams of Figure 4 , were almost completely solved. The speed was increased with steps of 1000 rpm. As seen in the previous example, each step of increasing speed corresponds to a decrease in the measured displacements, related to an eccentricity reduction, and to an increase of temperatures. It is interesting to note that the temperature steps should always increase by increasing the speed, but this did not happen for the speed step from 3000 to 4000 rpm due most probably to the transition from laminar to turbulent flow conditions.
The increase of load around 5800 s is associated with an increase of the upper displacements and an increase of both inlet and outlet temperatures of the lower pads but a decrease of temperatures of the upper pads, as expected.
(c) 
Identification Results
The dynamic investigation was performed by applying forces containing one ("single tone" test) or more ("multitone" test) frequency components.
Data of all forces and displacements measured along the U and V directions shown in Figure 2 are then combined in order to obtain the corresponding values along the vertical and horizontal directions. An example of the total forces acting along the horizontal and the vertical directions during an antiphase test is shown in Figure 11 . Data refer to the working conditions of 3,000 rpm and 58 kN with a multitone excitation of nominal amplitude of 4 kN at 10, 22, 33, 42 and 58 Hz. It can be noted that even in the antiphase test, with a nominal horizontal excitation force, small vertical forces are present in which the contribution of rotor unbalancing can be recognized. The corresponding displacement measured along the horizontal direction is shown in Figure 12 . 
Data of all forces and displacements measured along the U and V directions shown in Figure 2 are then combined in order to obtain the corresponding values along the vertical and horizontal directions. An example of the total forces acting along the horizontal and the vertical directions during an antiphase test is shown in Figure 11 . Data refer to the working conditions of 3000 rpm and 58 kN with a multitone excitation of nominal amplitude of 4 kN at 10, 22, 33, 42 and 58 Hz. 
Data of all forces and displacements measured along the U and V directions shown in Figure 2 are then combined in order to obtain the corresponding values along the vertical and horizontal directions. An example of the total forces acting along the horizontal and the vertical directions during an antiphase test is shown in Figure 11 . Data refer to the working conditions of 3,000 rpm and 58 kN with a multitone excitation of nominal amplitude of 4 kN at 10, 22, 33, 42 and 58 Hz. It can be noted that even in the antiphase test, with a nominal horizontal excitation force, small vertical forces are present in which the contribution of rotor unbalancing can be recognized. The corresponding displacement measured along the horizontal direction is shown in Figure 12 . It can be noted that even in the antiphase test, with a nominal horizontal excitation force, small vertical forces are present in which the contribution of rotor unbalancing can be recognized. The corresponding displacement measured along the horizontal direction is shown in Figure 12 . It is evident that the time dependent data cannot be used for identification purposes and processing in the frequency domain is necessary. Figure 13 shows the Fast Fourier Transform (FFT) of the data of Figure 11 and Figure 14 of Figure 12 . Besides the imposed excitation frequencies the FFT shows the synchronous component due to the shaft unbalance. It is evident that the time dependent data cannot be used for identification purposes and processing in the frequency domain is necessary. Figure 13 shows the Fast Fourier Transform (FFT) of the data of Figures 11 and 14 of Figure 12 . Besides the imposed excitation frequencies the FFT shows the synchronous component due to the shaft unbalance. It is evident that the time dependent data cannot be used for identification purposes and processing in the frequency domain is necessary. Figure 13 shows the Fast Fourier Transform (FFT) of the data of Figure 11 and Figure 14 of Figure 12 . Besides the imposed excitation frequencies the FFT shows the synchronous component due to the shaft unbalance. The dynamic coefficients can be finally evaluated by using the classical methodology described for instance in [11, 15] . It consists in determining the bearing impedance matrix, in the frequency domain, by multiplying the force 2 × 2 complex matrix made by two direct terms and two cross-coupled ones by the corresponding inverse displacement complex matrix. The stiffness and damping coefficients can be then obtained considering the real and the imaginary parts of the impedance coefficients. Sample trends of the direct and cross stiffness and damping coefficients evaluated at the different excitation frequencies are reported in Figure 15 . Standard deviation of the coefficients in tests repeated in the same conditions was less than 1% for stiffness direct coefficients, less than 2% for damping direct ones. No correction of the bearing forces for the bearing casing inertia was included in these preliminary results. The synchronous dynamic coefficients are obtained by interpolation at the rotational frequency. The trends obtained by varying the rotational speed for a load of 58 kN load are shown in Figure 16 . An estimation of the total uncertainty of the dynamic coefficients taking into account possible measurement errors of dynamic load cells and displacement sensors gave a value of about 10%. However the error of these preliminary results could be higher than that due to the observed unexpected non-isotropic behavior. Such an outcome was ascribed to the static loader stiffness that was found to be not negligible as it should have been, and to the inaccuracy of the static load cell in dynamic load measurements. Such problems, highlighted in this work, will be overcome for the next test campaigns. The dynamic coefficients can be finally evaluated by using the classical methodology described for instance in [11, 15] . It consists in determining the bearing impedance matrix, in the frequency domain, by multiplying the force 2 × 2 complex matrix made by two direct terms and two cross-coupled ones by the corresponding inverse displacement complex matrix. The stiffness and damping coefficients can be then obtained considering the real and the imaginary parts of the impedance coefficients. Sample trends of the direct and cross stiffness and damping coefficients evaluated at the different excitation frequencies are reported in Figure 15 . Standard deviation of the coefficients in tests repeated in the same conditions was less than 1% for stiffness direct coefficients, less than 2% for damping direct ones. No correction of the bearing forces for the bearing casing inertia was included in these preliminary results. The synchronous dynamic coefficients are obtained by interpolation at the rotational frequency. The trends obtained by varying the rotational speed for a load of 58 kN load are shown in Figure 16 . An estimation of the total uncertainty of the dynamic coefficients taking into account possible measurement errors of dynamic load cells and displacement sensors gave a value of about 10%. However the error of these preliminary results could be higher than that due to the observed unexpected non-isotropic behavior. Such an outcome was ascribed to the static loader stiffness that was found to be not negligible as it should have been, and to the inaccuracy of the static load cell in dynamic load measurements. Such problems, highlighted in this work, will be overcome for the next test campaigns. The dynamic coefficients can be finally evaluated by using the classical methodology described for instance in [11, 15] . It consists in determining the bearing impedance matrix, in the frequency domain, by multiplying the force 2 × 2 complex matrix made by two direct terms and two cross-coupled ones by the corresponding inverse displacement complex matrix. The stiffness and damping coefficients can be then obtained considering the real and the imaginary parts of the impedance coefficients. Sample trends of the direct and cross stiffness and damping coefficients evaluated at the different excitation frequencies are reported in Figure 15 . Standard deviation of the coefficients in tests repeated in the same conditions was less than 1% for stiffness direct coefficients, less than 2% for damping direct ones. No correction of the bearing forces for the bearing casing inertia was included in these preliminary results. The synchronous dynamic coefficients are obtained by interpolation at the rotational frequency. The trends obtained by varying the rotational speed for a load of 58 kN load are shown in Figure 16 . An estimation of the total uncertainty of the dynamic coefficients taking into account possible measurement errors of dynamic load cells and displacement sensors gave a value of about 10%. However the error of these preliminary results could be higher than that due to the observed unexpected non-isotropic behavior. Such an outcome was ascribed to the static loader stiffness that was found to be not negligible as it should have been, and to the inaccuracy of the static load cell in dynamic load measurements. Such problems, highlighted in this work, will be overcome for the next test campaigns. 
Conclusions
A novel experimental apparatus for testing high-performance tilting pad journal bearings has been set up and commissioned by the Department of Civil and Industrial Engineering of the University of Pisa in collaboration with GE Oil & Gas and AM Testing. The rig is versatile and can be used to test bearings of different size, configurations and even the effect of misalignment.
The commissioning tests have demonstrated the capabilities of the rig for investigating the static and dynamic characteristics of the bearings, accurately measuring slow and fast variables and effectively controlling operating parameters. Observed transient trends in the slow variables appeared as expected though some unexpected behaviors ascribed to the transition from laminar to turbulent lubrication regime were detected. Concerning the dynamic force coefficients an isotropic behavior for both stiffness and damping was expected due to the load between pad configuration and the even number of pads (4) . The observed non-isotropic behavior was ascribed to the static loader stiffness and it is still under investigation. 
The commissioning tests have demonstrated the capabilities of the rig for investigating the static and dynamic characteristics of the bearings, accurately measuring slow and fast variables and effectively controlling operating parameters. Observed transient trends in the slow variables appeared as expected though some unexpected behaviors ascribed to the transition from laminar to turbulent lubrication regime were detected. Concerning the dynamic force coefficients an isotropic behavior for both stiffness and damping was expected due to the load between pad configuration and the even number of pads (4) . The observed non-isotropic behavior was ascribed to the static loader stiffness and it is still under investigation.
